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ABSTRACT 
 Plate  fin-and-tube heat exchangers are made by 
inserting oval tubes through sheet metal strips with stamped 
holes and then expanding the tubes slightly to cause 
pressure at the tube-to-strip contacts. The gap between the 
fin base and the outer tube surface may be filled with air or 
corrosion products causing a decline in the ability of plate 
fins to transfer heat.  The contact resistance must be 
accounted for in the design and performance calculations of 
heat exchangers. In this paper, the thermal contact 
resistance of the fin-to-tube attachment is estimated from 
the condition that the dimensionless correlations for the 
Colburn j-factors obtained from two different methods are 
in good agreement. The first method is based on the 
experimental data, while the second one on the CFD 
simulation of the flow and heat transfer in the heat 
exchanger. 
 
INTRODUCTION 
 Externally finned tubes, or plate-and-tube elements are 
used in economizers of steam power boilers, air-
conditioning heat exchangers, convectors for home heating, 
induced-draft cooling towers, and waste-heat recovery 
systems for gas turbines. Plate-and-tube extended surfaces 
are also used extensively in air-fin coolers, in which a hot 
fluid flows within the tubes, and atmospheric air, serving as 
the cooling fluid, is circulated over the fins by fans. The 
plate fin-and-tube heat exchangers are made by inserting the 
oval tubes through sheet metal strips with stamped holes 
and then expanding the tubes slightly to cause pressure at 
the tube-to-strip contacts. If the tubes are only expanded 
into the plates to produce “an interference fit” some contact 
resistance must be accounted for. The gap between the fin 
base and the outer tube surface may be filled with air or 
corrosion products. With time, heat insulating substances 
may accumulate in gaps, causing a decline in ability of plate 
fins to transfer heat. In the design of plate fin-and-tube heat 
exchangers, contact resistance has been included in air-side 
resistance as a consequence of the data reduction methods 
used. However, in many instances it plays a significant role 
and is critical if reliable performance over a wide range of 
operation parameters is to be predicted. However, the 
thermal contact resistance between fins and tubes has not 
been studied deeply owing to the complexity of heat 
transfer through rough metallic interfaces. The contact 
resistance in a fin-and-tube heat exchanger has been studied 
by Dart (Dart, 1959). In his method, hot water flows  
through one tube row and cold water through an adjacent 
tube row. The estimated thermal contact resistance was 
compared to that in soldered fins. The Dart method was 
refined by  Sheffield et. al. (Sheffield et. al., 1989). 
Convective heat dissipation on the fin surface and 
convective heat transfer between hot and cold tubes were 
eliminated by testing plate finned heat exchangers in a 
vacuum chamber. The heat is transferred radially from the 
hot water tubes to the cold water tubes only by conduction 
through the fins. Two-dimensional temperature distribution 
in the fin was determined using an electrically conducting 
paper model of the fin. Similar techniques were used by 
Jeong at al. (Jeong et. al., 2004; Jeong et. al., 2006). Also, 
the investigated fin-and-tube heat exchanger was placed in 
an insulated vacuum chamber, thereby improving the 
accuracy of the numerical procedure for determination of 
the thermal contact resistance. On the other hand, heat 
transfer conditions on the fin surface and in the gap between 
fin and tube in vacuum differ from those in actual heat 
exchangers. 
In this study, a new experimental-numerical technique is 
developed for the estimation of the thermal contact 
resistance of plate finned tubes. Two methods will be used 
to determine correlations for the heat transfer coefficient in 
a cross-flow plate finned heat exchanger. In the first 
method, the correlation for the air-side heat transfer 
coefficient is determined from the condition that the 
calculated and measured water outlet temperatures are 
equal. In the second method, the air-side heat transfer 
coefficient is determined from the CFD simulation of the 
flow and heat transfer in the heat exchanger. The heat 
transfer coefficient on the tube side is calculated using the 
Gnielinski correlation.  The effect of contact resistance of 
the interference fit has been considered in this method. The 
air side heat transfer coefficient is determined from the 
condition that the air temperature differences across the heat 
exchanger obtained from the CFD simulation and from the 
analytical model of the heat exchanger are equal. Based on 
the calculated heat transfer coefficients, the dimensionless 
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correlations for the Colburn j-factor as a function of the 
Reynolds number and the thermal contact resistance are 
found. The thermal contact resistance of the fin-to-tube 
attachment is estimated from the condition that the 
dimensionless correlations for the Colburn j-factors 
obtained from the first and second method are in good 
agreement. 
 
THERMAL DESIGN OF FIN-AND-TUBE HEAT 
EXCHANGERS 
 The overall gas-side heat transfer in the cross-flow tube 
heat exchangers can be enhanced by extending the surface 
area of the tubes. The use of fins is an effective way of 
increasing the tube surface area on the gas-side.  The fin-
and-tube heat exchanger is fabricated by passing the round 
or oval tubes through a series of large flat plates acting as 
fins. If the plate fins are attached to the tubes by soldering 
or welding, then the thermal contact resistance can be 
neglected. If the tubes are expanded into the plate fins to 
tighten the connection between the fin and tube, then the 
thermal contact resistance may be significant. Generally, the 
fin-to-tube attachment is achieved by stretching fin material 
by expanding the tubes. 
The basic equation for the total rate of heat transfer Q?  in a 
cross-flow tube heat exchanger is 
o o lmQ F A U T= ∆?      (1) 
 
where F is the correction factor based on logarithmic mean 
temperature difference ∆Tlm for a counterflow arrangement 
and Ao is the total external surface area of the tubes without 
fins (Fig. 1) on which the overall heat transfer coefficient 
Uo is based.  
The overall heat transfer coefficient referred to the surface 
area Ao is given by 
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where Rc is the contact thermal resistance between the fins 
and tube, which is calculated from 
2 o
c
o g g
A gR
A A k
= +      (3) 
 
The symbols δt and kt denote the thickness and thermal 
conductivity of the tube, respectively and hin  the heat 
transfer coefficient on the tube inner surface. The 
equivalent, enhanced air-side heat transfer coefficient ah  
based on the outer surface area Ao of the plain tube is 
defined as: 
( )f f a w
a a
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A h A
h h
A
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Fig. 1. Nomenclature for the analysis of thermal contact 
resistance between the tube and fin; (a) integral fin 
extruded from tube (muff-type attachment), (b) L-
footed attachment 
 
where Af is the external area of the fins, Aw is the external 
surface of the tube between fins and ηf  is the fin efficiency 
(Kraus et. al., 2001; Taler J. and Duda, 2006; Hewitt et. al., 
1994; McQuiston et. al, 2005). Equation (4) is valid for 
various fin-to-tube attachments: tension-wound, L-footed, 
and integral fin extruded from tube. The air-side heat 
transfer coefficient ha is calculated from experimental 
correlations for finned or plate-finned tube arrangements. 
This coefficient can be also calculated from correlations 
based on the CFD simulation of the flow and heat transfer 
in the heat exchanger. The procedure for determining a 
contact thermal resistance Rc (Eq. (3)) is presented in the 
following.  
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CHARACTERISTICS OF THE TESTED HEAT 
EXCHANGER 
The tested automotive radiator is used for cooling the spark 
ignition engine with cubic capacity of 1,580 cm3. The 
cooling liquid warmed up by the engine is subsequently 
cooled down by air in the radiator. The radiator consists of 
38 tubes of an oval cross-section, 20 of them located in the 
upper pass and 10 tubes per row (Fig. 2). In the lower pass, 
there are 18 tubes with 9 tubes per row. The radiator is 520 
mm wide, 359 mm high and 34 mm thick. The outer 
diameters of the oval tubes are dmin = 6.35 mm and dmax = 
11.82 mm. The thickness of the tube wall is δt = 0.4 mm. 
The total number of plate fins equals 520. The dimensions 
of the single tube plate are as follows: length - 359 mm, 
height - 34 mm and thickness - δf = 0.08 mm. The plate fins 
and the tubes are made of aluminum. The path of the 
coolant flow is U-shaped. The two rows of tubes in the first 
(upper) pass are fed simultaneously from one header. The 
water streams from the first and second row are mixed in 
the intermediate header. Following that, the water is 
uniformly distributed between the tubes of the first and 
second row in the second 
   
 
Fig. 2. Diagram of two-row cross-flow heat exchanger 
(automotive radiator) with two passes; front view (a) 
and horizontal section of the upper pass (b),  
Tw – water temperature, Ta – air temperature 
 
(lower) pass (Fig. 3). The inlet, intermediate and outlet 
headers are made of plastic. The pitches of the tube 
arrangement are as follows: perpendicular to the air flow 
direction  p1=18.5 mm and longitudinal p2=17 mm. 
A smooth plate fin is divided into equivalent rectangular 
fins. The efficiency of the fin was calculated by means of 
the Finite Volume Method. The hydraulic diameter of an 
oval tube is calculated using the formula dt = 4 Ain /Pin 
where Ain is the area of the tube cross section and Pin is the 
inside tube perimeter. 
 
 
 
Fig. 3. Flow diagram of two row cross-flow heat exchanger 
(automotive radiator) with two passes; 1 – first tube 
row in upper pass, 2 – second tube row in upper pass, 
3 – first tube row in lower pass, 4 – second tube row 
in lower pass 
The equivalent diameter dt and length Lt of the radiator are 
dt = 0.00706 m and Lt = 0.52 m. The Reynolds and Nusselt 
numbers were determined on the basis of the hydraulic 
diameter dt ; the equivalent hydraulic diameter dh on the 
side of the air was calculated using the definition given by 
Kays and London (Kays and London, 1984). Using the 
experimental data sets the correlations for the air-side heat 
transfer coefficient were determined.  
 
PREDICTION OF CORRELATIONS FOR THE AIR-
SIDE COLBURN J-FACTOR  
A new experimental-numerical technique, based on two 
different methods for determining air-side heat transfer 
coefficient ha , is developed for the estimation of the 
thermal contact resistance between the tube and fins. Two 
methods for determining the correlations for Colburn j-
factor are presented. The first experimental-numerical 
method requires the experimental data. The second is based 
on the CFD simulation of flow and heat transfer in the heat 
exchanger. 
 
Experimental-numerical method 
The heat transfer coefficient hin on the water-side is known, 
while the heat transfer coefficient on the air-side ha is to be 
found. The following parameters are known from the 
measurements: liquid volumetric flow rate wV? , air velocity 
w0, inlet liquid temperature 'wf , inlet air temperature 
'
af , 
outlet liquid temperature ''wf . The construction of the heat 
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exchanger and the materials of which it is made are also 
known.  
The average heat transfer coefficient hin on the inner surface 
of the tube was calculated using the Gnielinski correlation 
(Gnielinski, 1975) for turbulent flow 
 
( )
( ) ( )
2 / 3
1/ 2 2 / 3
8 Re 1000 Pr
1
1 12.7 8 Pr 1
w w t
w
tw
d
Nu
L
ξ
ξ
⎡ ⎤− ⎛ ⎞⎢ ⎥= + ⎜ ⎟⎢ ⎥+ − ⎝ ⎠⎣ ⎦
    (5) 
 
where Nuw = hin dt /kw , Rew = ww dt /νc  and  Prw = µw cpw / 
kw are the water-side Nusselt, Reynolds and Prandtl 
numbers, respectively, and ξ  is the friction factor given by 
 
2 2
1 1
( 1.82 log Re 1.64 ) ( 0.79 ln Re 1.64 )w w
ξ = =− −  (6) 
 
The value of the air-side heat transfer coefficient ,
e
a ih  is 
determined from the condition that the calculated water 
outlet temperature ( )'', ,ew i a iT h  must be equal to the measured 
temperature '',w if , where i=1,...,n denotes the data set 
number. The following non-linear algebraic equation has to 
be solved for each data set to determine ,
e
a ih  
 ( )'' '', , , 0ew i w i a if T h− = , 1,...,i n=    (7) 
 
where n denotes the number of data sets. In order to 
calculate the water outlet temperature '',w iT  as a function of 
the heat transfer coefficient ,
e
a ih , the analytical 
mathematical model of the heat exchanger developed in 
(Taler D., 2004) was used. The heat transfer coefficient on 
the air-side ,
e
a ih  was determined by searching the preset 
interval so that the measured outlet temperature of the water 
''
,w if  and the computed outlet temperature 
''
,w iT  are equal. 
The outlet water temperature ( )'', ,ew i a iT h  is calculated at 
every searching step. Next, a specific form was adopted for 
the correlation formula for the Colburn factor ja=ja(Rea)  on 
the air-side, containing m unknown coefficients. The 
coefficients 1x , 2x ,..., mx , m ≤ n are determined using the 
least squares method from the condition 
 
  ( ) 2, , 1 2
1
, ,..., min
n
e
a i a i m
i
S j j x x x
=
⎡ ⎤= − =⎣ ⎦∑   m n≤    (8) 
 
where  
1/ 3/(Re Pr )a a a aj Nu=     (9) 
 
denotes the Colburn factor and Pra = µa cpa / ka is the 
Prandtl number. The dimensionless quantities Nua = ha dh / 
ka and Rea = wmax dh /νa stand for the air-side Nusselt and 
Reynolds numbers, respectively. The velocity wmax is the air 
velocity in the narrowest free flow cross-section Amin. The 
symbol ,
e
a ij  denotes the experimentally determined value of 
the factor, and ja,I the calculated factor value which results 
from the adopted approximating function for the set value 
of the Reynolds number Rea,i. The Colburn factor ja was 
approximated by the power-law function 
 
2
1 Re
x
a aj x=     (10) 
 
The unknown coefficients x1 and x2 are determined by the 
Levenberg-Marquardt method (Seber and Wild, 1989) using 
the Table-Curve program (Table Curve, 2003). Combining 
Equations (9) and (10), one obtains  
 
aNu = 1x
( )21Re xa
+ 1/ 3Pra    (11) 
 
All the air properties that appear in the dimensionless 
numbers are evaluated at the average temperature taken 
from the inlet temperature 'amT  and outlet air temperature 
''
amT . 
 
Determination of the Colburn j-factor on the air-side 
based on the CFD simulation 
In order to determine the heat transfer coefficients and then 
Colburn j-factors, the air temperature differences must be 
calculated first using the CFD simulation of flow and heat 
transfer on the air side.  
 
Numerical simulation 
In order to determine the 3D flow and heat transfer in the 
air and heat conduction through the fins and tubes, the 
problem will be studied numerically. In this paper, the air 
and heat flow in the tested two-row automotive radiator was 
simulated numerically by using the CFD program FLUENT 
(FLUENT, 2003).  
The three-dimensional (3D) flow is treated as laminar, since 
the air-side Reynolds number Rea, based on the mean axial 
velocity in the minimum free flow area (maximum 
velocity), is less than 350 (Table 1).  
Owing to the complicated construction of the radiator, the 
numerical study of the whole radiator is very difficult to 
perform (Fig. 3). Therefore, due to the symmetry, the 3D 
flow through the single narrow passage between the fins 
was simulated. The temperature distribution in the adjacent 
plate fins and tube walls was also calculated. 
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Fig. 4. Single narrow passage between the fins simulated 
using CFD code – repeatable segment  of  the two-
row plate fin and tube heat exchanger configuration; 
the dimensions are given in millimeters 
 
In this way, the effect of non-uniform heat transfer 
coefficient on the tube  and fin surfaces is taken into 
account, as well as the effect of the tube-to-tube heat 
conduction through the fins on the heat transferred from the 
water to the air. Fig. 4 shows the measurement data set No.7 
from Table 1 taken as the input data. The thermal contact 
resistance between the tube and fins was modelled by 
inserting a thin layer of material with known thickness of  
0.01 mm (Fig. 5).Thermal conductivity of the layer was 
varied to adjust the function  j(Rea) obtained from the CFD 
simulation to the function j(Rea) based on experiments.     
The computations were conducted for the 10 data sets. The 
uniform frontal velocity w0 and uniform temperature 'aT  in 
front of the radiator were assumed. The boundary condition 
of the third kind (convection surface condition) is specified 
at the inside surface Sin of the oval tubes (Fig. 4) 
( ) ( )inint t in t S wSk T n h T T− ∂ ∂ = −    (12) 
 
The symbol n denotes normal direction to the inside tube 
surface. The water-side heat transfer coefficient hin was 
calculated from Equation (5). The inlet temperature of the 
water wT was taken as the bulk water temperatures at the 
first and second row of tubes. where kt is the tube’s thermal 
conductivity, Tt and Tw are the temperatures of the tube and 
water, respectively.  
 
Fig. 5. Cross-section of the fin-to-tube attachment – thin 
layer with thickness of 0.01 mm and known thermal 
conductivity simulates the thermal contact resistance 
between the tube and fin 
 
The flow passage between the fins is divided into twenty 
layers of finite volumes, while only two layers constitute 
half of the thickness of the fin. Only the quarter of the 
passage shown in Fig.4 was simulated. The mesh of finite 
volumes with 154856 nodes is shown in Fig.6. 
 
 
 
Fig. 6. Mesh of finite control volumes 
 
The simulation reveals high values of the heat flux on the 
fin’s leading edge due to the developing air flow. Near the 
fin surface, the temperature of the air increases in the flow 
direction and causes a corresponding reduction in the heat 
flux. Stagnation flow on the front of the tube in the first row 
produces high heat transfer near the base of the fin and at 
the frontal part of the tube circumference. Behind the tubes, 
low-velocity wake regions exist. In the downstream regions 
of the tubes, low air velocities and very low heat fluxes can 
be observed in the first and second row. Relatively low heat 
fluxes are encountered on the portions of the fin that lie 
downstream of the minimum flow cross sections. The heat 
transfer rates are especially low in the recirculation regions 
behind the tubes. In the regions with small air velocities, the 
air temperatures are large. The larger part of the total heat 
transfer rate is transferred in the first tube row. The heat 
transfer rate at the second tube row is especially low due to 
the presence of the upstream and downstream recirculation 
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zones. The key to heat transfer enhancement on the fin 
associated with the first tube row is a major contribution of 
the developing flow region, while the portion of the fin 
adjacent to the second tube row has no developing flow 
contribution and only a weak vortex contribution. The 
recirculation regions behind the tubes contribute very little 
to the performance of the heat exchanger.  
 
Determination of the Colburn j-factor 
The second method is based on the CFD simulation of fluid 
flow and heat transfer in the heat exchanger. Although the 
temperature and heat flux distributions on the tube and fin 
surfaces are known from this simulation, the local and 
average heat transfer coefficients are difficult to determine 
because it is unclear what air temperature should be 
assumed as the bulk air temperature. 
The presented method circumvents this problem and allows 
for determining the mean air-side heat transfer coefficient. 
The air-side heat transfer coefficients for the first and 
second row of tubes are determined from the conditions that 
air temperature differences across these tube rows obtained 
from the CFD simulation and from the analytical model of 
the heat exchanger are equal. The same procedure was 
applied to find heat transfer correlations for the entire heat 
exchanger. The heat transfer coefficient ha is determined 
from the condition that temperature increase of the air ∆Tt 
over two rows of tubes (over the heat exchanger) is equal to 
the temperature increase obtained from the numerical 
simulation using FLUENT. Since the temperature 
distribution at the inlet and outlet of the modelled passage is 
two-dimensional, then the mass average air temperature 
difference tT∆  computed by Fluent should be equal to the 
air temperature difference ∆Tt calculated using an analytical 
model of the heat exchanger 
 ( ), , , 0t i a i t iT h T∆ − ∆ = ,  1,...,i n=   (13) 
 
The temperature difference ∆Tt is given by the expression: 
 
                        ''' 't a a I IIT T T T T∆ = − = ∆ + ∆                   (14) 
 
where '' 'I a aT T T∆ = −  and ''' ''II a aT T T∆ = −  represent the air 
temperature increase over the first and second tube row, 
respectively (Fig. 7).  
The mean value of the heat transfer coefficient ha,i over two 
tube rows is determined by solving Equation (13). 
Determining the heat transfer coefficients can be 
significantly simplified if we take into account that the 
water temperature has no large influence on the searched 
heat transfer coefficients because air properties are not 
influenced substantially by temperature. Thus, the equal 
water temperature Tw (Fig. 7) at the first and second row of 
tubes may be assumed. If the temperature of the water 
flowing inside the two tube rows is constant, then the air 
temperature Ta in the first and second tube rows can be 
obtained from the solution of the differential equations: 
 ( ) ( )a I Ia w a I
I
d T y
N T T y
d y
+
+
+ ⎡ ⎤= −⎣ ⎦     (15) 
 
'
0Ia ay
T T+ = =       (16) 
 
 
 
Fig. 7. Cross-flow heat exchanger with two rows of tubes 
 
 
 ( ) ( )a II IIa w a II
II
d T y
N T T y
d y
+
+
+ ⎡ ⎤= −⎣ ⎦    (17) 
 
''
0IIa ay
T T+ = =       (18) 
 
Solution of the initial-boundary problems (15-16) and (17-
18) simplifies to: 
 
( ) ( )' Ia IN ya I w a wT y T T T e +−+ = + −    (19) 
 
 
 
( ) ( ) ( )' I IIa a IIN N ya II w a wT y T T T e +− ++ = + −    (20) 
 
where 
  ( ) ( ),I I II IIa o a p a a o a p aN U A m c N U A m c= =? ? . 
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The air temperatures ( )a IT y+  and ( )a IIT y+  at the first and 
second tube rows, respectively, do not depend on the x 
coordinate, since the fluid temperature Tw in both tube rows 
is constant. The differences of the air temperature over the 
first and second tube rows are given by: 
 
( )( )'1 0 1 IaI I NI a a w ay yT T T T T e+ + −= =∆ = − = − −   (21) 
 
( ) ( )'1 0 1I IIa aII II N NII a a w ay yT T T T T e e+ + − −= =∆ = − = − −  (22) 
 
If the air-side heat transfer coefficients at the first and 
second rows are assumed to be equal, e.g. I IIa a aN N N= = , 
then the total temperature difference tT∆  over two rows 
simplifies to 
 ( )( )2' 1 aNt I II w aT T T T T e−∆ = ∆ + ∆ = − −   (23) 
 
Having determined the heat transfer coefficients ,a ih  
1,...,i n= , from the solution of the non-linear algebraic 
equation (13), the heat transfer correlations are derived in 
the same way as in the method I. First, the ja,i are calculated 
for 1,...,i n=  using equation (9), and then the obtained 
results are approximated by the function (10), using the 
least-squares method.  
 
TEST FACILITY 
The measurements were carried out in an open aerodynamic 
tunnel. The experimental setup was designed to obtain heat 
transfer and pressure drop data from commercially available 
automotive radiators. The test facility (Fig. 8) follows the 
general guidelines presented in ASHRAE Standards 33-798 
and 84-1991. Air is forced through the open-loop wind 
tunnel by a variable speed centrifugal fan. The air flow 
passed the whole front cross-section of the radiator. Air 
temperature measurements were made with multipoint 
(nickel-chromium)-(nickel-aluminum) thermocouple grids 
(K type sheath thermocouple grids). The thermocouples 
were individually calibrated. The 95% confidence level the 
thermocouples estimated during the isothermal test was 
±0.3 K. The air flow was determined at two cross sections 
from measurement of the velocity pressure obtained by Pitot 
traverses (Taler D., 2006). Additionally, the air flow was 
measured by the averaging Pitot tube device (Taler D., 
2006). The uncertainty in the measured air mass flow rate is 
±1.0%. The static pressure drop across the radiator was 
measured with the four-tap piezometer rings using a 
precision differential pressure transducer with the 95% 
confidence level of the order of ±1 Pa. The hot water is 
pumped from the thermostatically controlled tank through 
the radiator by the centrifugal pump with a frequency 
inverter. Water flow rates were measured with a turbine 
flowmeter (Taler D., 2006) that was calibrated using a 
weighting tank. The 95% confidence level in the flow 
measurement was of ±0.004 L/s. Water temperatures at the 
inlet and outlet of the radiator were measured with K-type 
sheath thermocouples.  
 
a) 
 
 
b) 
 
 
Fig. 8. Open-loop wind tunnel for experimental 
investigations of the tube-and-fin heat exchanger (car 
radiator); (a) front view, (b) top view; A – car 
radiator, B – variable speed centrifugal fan, C – 
chamber with car radiator, D – pipe with outer 
diameter of 315 mm and wall thickness of 1 mm, E – 
water outlet pipe, F – water inlet pipe,1 – 
measurement of the mean and maximum air velocity 
using a Pitot-static pressure probe, 2 – measurement 
of the mean and maximum air velocity using a 
turbine velocity meter with head diameter of 11 mm, 
3 – measurement of the mean and maximum air 
velocity using turbine velocity meter with head 
diameter of 80 mm, 4 – air temperature measurement 
before the  car radiator, 5 – measurement of pressure 
drop over the car radiator, 6 – water temperature at 
radiator inlet, 7 – measurement of water temperature 
at radiator outlet, 8 – air temperature measurement 
after the car radiator 
 
368Taler:
Produced by The Berkeley Electronic Press, 2016
The 95% confidence level in the temperature measurement 
is about ±0.05 K. Liquid pressure at the inlet and outlet of 
the radiator was measured with temperature compensated 
piezo-resistive sensors with an uncertainty to within ±0.5 
kPa. A computer-based data-acquisition system was used to 
measure, store and interpret the data. The relative difference 
between the air-side and liquid-side heat transfer rate was 
less than 3%. Heat transfer measurements under steady-state 
conditions were conducted to find the correlation for the air-
side Colburn  j-factor number. 
 
RESULTS 
The temperature difference over the radiator obtained from 
the CFD simulation without the thermal contact resistance 
between the tube and fins is larger than that obtained from 
the analytical heat exchanger model, in which the 
experimental correlations for heat transfer coefficients are 
used. The lower values of the air temperature difference 
across the radiator obtained from the analytical model of the 
heat exchanger, may result from the contact resistance 
between the fins and the tubes. 
In order to show the influence of the thermal contact 
resistance on the temperature differences, IT∆ , IIT∆  and 
tT∆ , CFD simulations using FLUENT were conducted for 
various values of the gap effective thermal conductivity kg 
(Fig. 9). 
 
0.01 0.1 1 10 100 1000
kg , W/(mK)
0
10
20
30
40
50
∆T
, K   ∆Tt
  ∆TI
  ∆TII
 
 
Fig. 9. Effect of effective thermal conductivity of the gap 
between the tube and fins on air temperature 
differences over the first  ∆TI, second  ∆TII , and over 
the entire car radiator ∆Tt   
 
The velocity and temperature of the air before the radiator 
was 2.12 m/s and 286.96 K, respectively. The water 
temperature in both tube rows was 351.25 K. The CFD 
simulation was performed using the commercial CFD 
software FLUENT for hin = 3549 W/(m2K). An inspection 
of the results shown in Fig. 9 indicates that for the thermal 
conductivity kg > 1 W/(mK) (g / kg = 0.00001/1 = 0.00001 
m2K/W) the temperature differences are almost independent 
on the gap thermal resistance g / kg . In addition, it has been 
found from the numerical CFD simulation that the fins and 
tubes in the second row are less effective than those in the 
first row. The temperature difference over the first tube row 
is almost three  times larger than the second tube row (Fig. 
9). The key to heat transfer enhancement on the fin 
associated with the first tube row is a major contribution of 
the developing boundary layer on the inlet part of the fins, 
while the portion of the fin adjacent to the second tube row 
has no boundary layer contribution and only a small vortex 
contribution. The heat transfer at the forward stagnation 
points on the first tube row is also intensive. The regions 
behind the tubes contribute very little to the performance of 
the heat exchanger. The thermal measurements results for 
the automotive radiator are shown in Table 1. 
 
Table 1. Measurement data for the automotive radiator 
 
No
. 
w0 
[m/s] w
V?  
[L/h] 
'
aT  
[°C] 
'
wT  
[°C] 
''
wT  
[°C] 
Rea Rew 
1 0.96 551.5 0.73 85.44 65.11 155 2956 
2 1.21 735.2 10.54 83.97 67.78 187 3970 
3 1.45 736.4 10.49 87.64 68.67 223 4088 
4 1.61 736.9 10.47 82.63 63.98 250 3855 
5 1.77 1257 12.41 79.72 67.35 271 6592 
6 1.76 736.3 10.41 83.36 63.57 273 3859 
7 2.12 1272 13.81 78.15 65.17 323 6516 
8 2.12 1269 12.63 78.92 65.49 325 6545 
9 2.11 734.9 11.04 85.10 63.00 328 3880 
10 2.13 734.1 11.04 83.09 61.64 331 3795 
 
 
Correlations for the air-side Colburn j-factors for an 
automotive radiator were determined using the method 
described above. 
The comparisons of correlations ja(Rea)  for the entire heat 
exchanger are shown in Fig. 10. The black dots in Fig. 10 
represent values of ja,i(Rea,i), in which the air-side heat 
transfer coefficient was determined based on the measured 
temperatures of water at the outlet of the heat exchanger 
(Table 1). The water-side heat transfer coefficients hin were 
calculated using the Gnielinski correlation (5). The solid 
line in Fig. 10 represents the least squares approximation  
based on the 10 data series: 
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0.38970.1386Rea aj
−=     (24) 
 
from which the correlation for the air-side Nusselt number 
results 
 
0.6103 1/ 30.1386Re Pra a aNu =    (25) 
 
In the correlation (25) contact resistance between the tube 
and fin is implicitly included in the air-side heat transfer 
coefficient, which was determined using the first method. 
The other plots in Fig. 10 are based on the CFD simulation 
using FLUENT. The same 10 data series, as in the method I, 
were used in the CFD simulation. The correlations were 
obtained under the assumption that the air flow was laminar. 
Only the air-side heat transfer coefficient ha is determined 
from the condition that the air temperature increase across 
the heat exchanger obtained from the CFD simulation is 
equal to the temperature increase calculated using Equation 
(23). The water-side heat transfer coefficient hin is 
calculated using the Gnielinski correlation (5). The results 
presented in Fig. 10 show significant influence of the 
thermal contact resistance on the determined ja(Rea) curve. 
The lower is the effective thermal conductivity kg of the gap 
the smaller is the Colburn factor ja . 
 
150 200 250 300 350
Rea
0.008
0.012
0.016
0.02
0.024
0.028
j a
kg=0.10 W/(mK); Fluent
kg=0.18 W/(mK); Fluent
kg=0.25 W/(mK); Fluent
experiment
ja = 0.1386 Rea-0.3897
 
Fig. 10. Colburn ja - factor for the investigated car radiator 
 
The experimental curve ja(Rea) lies between the two curves 
ka = 0.1 and 0.18 W/(mK) based on the CFD simulation. 
Thus, it can be concluded that the effective thermal 
conductivity of the gap is about 0.14 W/(mK) and thermal 
contact resistance 5/ 7.14 10gg k
−= ⋅  m2K/W.  
 
7  CONCLUSIONS 
Two different methods were used to determine correlations 
for the air-side Colburn j-factors. The first method is based 
on the experimental data while the second is based on the 
CFD simulation of the flow and heat transfer in the heat 
exchanger.  
In the first method, the air-side heat transfer coefficient was 
determined from the condition that the calculated and 
measured liquid outlet temperatures are equal. The heat 
transfer coefficient on the tube-side was calculated using the 
Gnielinski correlation. An analytical model of the heat 
exchanger was used to calculate the water and air outlet 
temperatures as the function of the searched heat transfer 
coefficients. 
The second method for determining air-side heat transfer 
correlations, based on the CFD simulation of flow and heat 
transfer and on the simplified analytical model of heat 
transfer in the heat exchanger, was proposed. Based on the 
calculated heat transfer coefficients, the dimensionless 
correlation for the Colburn j-factor as a function of the 
Reynolds number can be found. The thermal contact 
resistance between the tube and fins can be estimated by 
comparing the experimental and CFD based ja(Rea) plots. 
The CFD programs can also be used for calculating mean 
heat transfer coefficients over a specified tube row.   
 
NOMENCLATURE 
A  area, m2 
cp  specific heat at constant pressure, J/kgK 
d  diameter, m 
din , do inner and outer tube diameter, m  
f  measured temperature, °C or K 
F  correction factor, dimensionless 
g  thickness of the gap between the tube and fin, m  
h  heat transfer coefficient, W/m2K  
h   enhanced heat transfer coefficient based on the 
tube 
               outer surface Ao, W/m2K 
j  Colburn j-factor, Nu/Re Pr1/3, dimensionless  
k  thermal conductivity, W/mK 
Lt  tube length in the car radiator, m 
m  number of unknown coefficients, dimensionless 
m?   mass flow rate, kg/s 
n  data set number, dimensionless 
N  number of transfer units, ( )/o pN U A mc= ? , 
               dimensionless 
Nu  Nusselt number, dimensionless 
pf  fin pitch, m 
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p1  pitch of tubes in plane perpendicular to flow, m 
p2  pitch of tubes in direction of flow, m 
P  perimeter, m 
Pr  Prandtl number, dimensionless     
R  contact thermal resistance between tube and fin, 
               m2K/W 
Re  Reynolds number, dimensionless 
T  temperature, °C or K 
U  overall heat transfer coefficient, W/m2K 
V?   volume flow rate, m3/s 
w  velocity, m/s  
x, y  Cartesian coordinates, m  
xi  unknown coefficient, dimensionless 
Iy
+ , IIy
+  dimensionless coordinate, 2/I Iy y p
+ = ,  
               2/II IIy y p
+ =  
δ  thickness, m 
∆T  temperature difference, K 
η  fin efficiency, dimensionless 
µ  dynamic viscosity, Ns/m2 
ν  kinematic viscosity, m2/s 
ξ  Darcy-Weisbach friction factor, dimensionless 
 
Subscript 
a air 
f fin  
g gap    
in inner 
m logarithmic mean temperature difference    
o outer 
t tube 
w wall 
I, II first and second tube row, respectively 
 
Superscript 
e experimental    
’ inlet 
’’ outlet 
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